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ABSTRACT
The weight and the efficiency of a space power generation system are very important
parameters, but it was found that the turbine and the compressor weight was very small
compared to that of the whole system. Therefore the efficiency alone can be a figure of merit
while choosing the type of the turbine or the compressor.
This subject deals with the choice of the most efficient turbines for given parameters
and conditions of use. The NsDs-diagrams were used to plot the maximum efficiency for
different specific speeds for both radial and axial turbines. It was found that the radial turbines
have maximum efficiency for specific speeds between 50 and 90, and the axial turbines have
maximum efficiency for specific speeds greater than 90.
The specific speed is also proportional to the net output power. Taking into account
the higher limit of the radial turbines specific speed, the power limit at which the radial turbines
have better efficiency than the axial turbines is 300 kw.
Concerning the compressors, NsDs-diagrams show that for specific speeds between
90 and 130 the radial compressors are the most efficient compressors. For specific speeds
between 130 and 300 the mixed flow compressors are the most efficient compressors. For
specific speeds greater than 300 the axial flow compressors the most efficient compressors
Using the NsDs-diagrams another factor called specific diameter can be obtained and
from which the size and the approximate weight of the turbine are calculated.
Thesis supervisor: Jean F. Louis
Title: Professor of Aeronautics and Astronautics.
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7NOMENCLATURE
A: Cross sectional area
a: Sonic velocity
C: Absolute velocity
Cm: Torque coefficient
D. Diameter
Ds: Specific diameter
F: Frictional force
Ft: Specific weight, Kg/Kw
H: Total enthalpy
h: Static enthalpy
he: Head, m
hfric: Energy lost by friction
HP: Power in horse power
I: Rothalpy
L: Length of the mean flow line
M: Mach number
m: Mass flow
nv: Number of vanes in the impeller
N: Rotational speed
Ns: Specific speed
P: Total pressure
8p: Static pressure
Pdisc: Power necessary to rotate the disc.
PS: Shaft power
Q Volume flow rate
r: Radius
R: Reaction
Re: Reynolds number
SF: Slip factor
IC: Torque
,tan Tangential component of the shear stress between the disc
and the fluid
T: Temperature
U: Blade speed
v: Specific volume
Wc: Specific work
We: Engine total weight
w: Relative velocity
X: Total resistive torque of the two sides of the disc
y: Perimeter of the flow section
Yt: Turbine pressure ratio coefficient
Yc: Compressor pressure ratio coefficient
Z: Number of blades
a: Flow angle
': Gas angle
93: Geometric vane exit angle
y: Ratio of specific heats
: Efficiency
Q, co: Angular velocity.
p: Density
5: Work input coefficient
Flow coefficient
4N: Nozzle enthalpy loss coefficient
4R: Rotor enthalpy loss coefficient
TN: Nozzle velocity coefficient
TRI: Rotor velocity coefficient.
,: Drag coefficient.
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CHAPTER 1.INTRODUCTION
1.1. CENTRIFUGAL COMPRESSORS
1.1.1. INTRODUCTION
The earliest machines used the centrifugal compressor. Development
of centrifugal compressors continued into the mid 1950's, but after
development of technology, axial flow compressors took place because of
their higher efficiency and higher pressure ratios needed for aircrafts.
At very low air mass flow rates the efficiency of axial compressors
drops sharply, tip clearance is very big relative to the size of the blade.
Therefore the losses to this phenomenon are high. The blades are very
small and difficult to be made accurately and the advantage lies with the
centrifugal compressors.
In the mid 1960's the need for advanced military helicopters powered
by small gas turbine engines provided the necessary impetus for further
rapid development of the centrifugal compressor.
Recent performance data for small single stage centrifugal
compressors quotes total to static efficiencies of 80 - 84 % for pressure
ratios between 4 and 6 to 1. Higher pressure ratios than this have been
achieved in single stages but at reduced efficiency and small airflow range.
13
1.1.2. Principal of Functioning of Centrifugal Compressor
A centrifugal compressor consists essentially of a rotating impeller
followed by diffuser. Fig. 1.1 below shows the various elements of a
centrifugal compressor.
Fluid is drawn in through the inlet casing into the eye of the impeller.
The function of the impeller is to increase the energy level of the fluid by
whirling it outward, thereby increasing the angular momentum of the fluid.
The feature which distinguishes the centrifugal compressor from the
axial compressor is that the angular momentum of the fluid flowing through
the impeller is increased partly by virtue of the impeller outlet diameter being
significantly larger than its inlet diameter. All work done to the gas must be
done by the active element , the impeller. The stationary element is passive,
that is, it cannot contribute any additional energy to the stage. It can only
convert the energy and unfortunately contribute to the losses. Both the static
pressure and velocity are increased within the impeller.
The purpose of the diffuser is to convert the kinetic energy of the fluid
leaving the impeller into pressure energy.
14
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Fig. 1.1 .Centrifugal compressor stage and velocity diagrams
at impeller entry and exit.
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Outside the diffuser is a scroll or volute whose function is to collect the flow
from the diffuser and deliver it to the outlet pipe.
On fig. 1.1. the curved surface of revolution ( a - b ) of the impeller is
called the hub. The curved surface ( c - d ) forming the outer boundary to
the flow of fluid is called the shroud.
Impellers may be enclosed by having the shroud attached to the
vane ends ( called shrouded impellers ), or unenclosed with a small
clearance gap between the vane ends and the stationary wall. Shrouding an
impeller has the merit of eliminating tip leakage losses, but it has been
demonstrated to be detrimental at high speeds and beneficial at low speeds
of rotation.
1.1.3.Theoretical Analysis of Centrifugal Compressors
1.1.3.1. Inlet Casing:
In this part the fluid is accelerated from velocity CO to velocity C1.
Some energy in the inlet casing is being transformed to kinetic energy and
the pressure drops from Po to P1. See figure ( 1.2. ) below.
Stagnation enthalpy throughout the inlet casing is constant , then
hoo = ho1
h o + 1/2Co2 = h + 1/2 C12 (1.1)
16
Fi. 1.2. Mollier Diagram for the Complete Centrifugal Compressor Stage.
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1.1.3.2. Impeller
Swirling fluid enters the control volume of the impeller at radius r1
with tangential velocity Ceo and leaves it at radius r2 with tangential velocity
C . The sum of the moments of the external forces acting on the fluid is :
1;a = m ( r2Ce2 - r1C 1 ) (1.2)
If the impeller turns at angular velocity, the rate at which it does
work on the fluid for a one-dimensional case is :
Ta Q = m(U 2 C02 - UC1 ) = Wc
where :
U2 = r2
U1 = Q r1.
The work done on the fluid is :
Wc
AWc - U1C 1 = - = UCoh2 - hol
m
I : is the rothalpy, it is constant throughout the impeller,
U : is the blade speed,
Wc : is the specific work.
(1.3)
(1.4)
In three-dimensional motion:
2 2 2 2
C = Cr +CO +Cx
C2 in rothalpy we get :
I = h + 1/2(Cr
adding and substituting 1/2 U2
I= h + 1/2[(U -
+ C2+ Cx-2UCo)
we get:
Ce)2 + Cr2 + Cx2 - U2
but
U - Ce = wo
W = Cr + V
(from velocity triangles shown on fig.
2 2ye + Cx
the rothalpy becomes:
I = h + 1/2
(W2 2( w -_U) (1.9)
Since the rothalpy is constant throughout the impeller then :
11 = 12
and
h2 - h = 1/2( U 2 - U12 ) 1/2(w12 - W22)
18
substituting
(1.5)
(1.6)
Since :
(1.7)
1.1)
(1.8)
(1.10)
19
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Fig.1.3. Control volume for a generalized turbomachine
ha
A
Al
20
1.1.3.3. The Diffuser.
In this portion the pressure is raised from P2 to p3 by decelerating
adiabatically the fluid coming from the velocity C2 to velocity C3 , in the
mean time the stagnation enthalpy is remained constant through the
diffuser,
h02 = h03
2 2
h2 + 1/2 C2 = h3 + 1/2 C32
C2 > C3
1.1.4.Energy Losses in the Stage
The energy losses are divided into aerodynamic losses, disc friction
losses, leakage losses, and mechanical losses.
1.1.4.1. Aerodynamic losses:
Due to fluid friction to the surfaces of the flow passages some energy
is being lost.
If:
C = absolute velocity.
The energy lost is given by:
f C2 y Lh= 8Ay (1.11)8A
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where :
f: is the frictional factor given by Prandtl , Van Karman and Nikuradse
as:
Loglo Re = f -Loglo f + 0.4
A = cross sectional area
L = length of the mean flow line
y : is the perimeter of the flow section
1.1.4.2. Disc Friction Losses:
The total resistive torque is given by [16]:
X=2 2
r1
',an 2 r dr
where:
Ztan = the tangential component of the shear stress between
the disc and the fluid.
X = the total resistive torque of the two sides of the disc.
(1.12)
(1.15)
22
Fig.1.5. Enclosed rotating disc.
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Due to the torque X an input power
disc at angular velocity
r2
Pdisc 2 
1
Pdisc is necessary to rotate the
o . The input power necessary to rotate the disc is :
27; ctan 2 C d r
Experiments give an estimation to
(1.16)
Pdisc by calculating the total resistive
torque from a non-dimensional torque coefficient Cm plotted as a
function of Reynolds number and disc casing ratio (S / r2). the total resistive
torque X is given by [16]:
X = 1/2Cm p o2 (r 25 - r1 5 ) (1.17)
1U- 1U-
Fia.1.6. Smooth disc torc coefficient.
1.0
01
0.01
0.001
1U- 1U-
ca r2R =
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1.1.4.3. Leackaage Losses:
The leakage occurs at the sections where the shaft passes through
the casing and at the outer radius of the eye from the impeller casing back
into the eye.
There are methods to minimize the leakage losses. One of these methods is
to make the gap as small as possible, but this will increase the friction
losses.
An other method to minimize the leakage losses, and not at the expense of
energy losses by friction, is to fit labyrinth glands, either staggered or
straight through, in the gap.
Considering the flow through two adjacent constructions as shown on
figure (1.8), we have:
ho + C02/2 = h + C12/2
Before the constriction 1 as shown on the figure the velocity is considered
zero
Co = O
Then
ho = h + C12/2
ho - h = C1 2 /2
25
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Fig. 1-7. Labyrinth glands: (a) staggered; (b) straight through;
(c) flow model -- ( 0 to 1 ), isentropic; ( 1 to 2 ) kinetic energy transformed to
internal energy at constant pressure.
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We have
Ah01 = 7y- 1
)7-1
From the continuity equation :
A1 C1
V1
Then :
2
C1
Ah01 = 2
l1 m l
2 - A 
Hence
2Cm)
~Al
- 2 Y Po Vo
-1 2
-1 1
[ ( Po ) ]
v : is the specific volume ( m3 / kg )
-11
m
Where :
27
Since we have 0 - 1 an isentropic transformation then:
Po vo = Pi vi 7
vo/vl = (pl/po)
Then :
2
=-2 Po
7-1 vo
7-1
- 1]
With some transformations in this expression we get :
2 2 _+1
m 2 7Po Pi2 PD i
A1 7-1V o [ (o o 
Now if A3 = A1 then
mJ 2
A3
= 2 
Y- 1
Since
Al = A3
See figure (1.8).
( 1.22 )
2 7+1
V2 L P2 ) P2 2 ( 1.22 )
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Then equating equations ( 1.21 ) and ( 1.22) we get:
2 y+1
-P )- ' = VP2 [
, Po V2
2
:P3 )
7+1
P3 1 7
P1 = P2 and p3 = p4
Substituting into equation (1 23 ) and taking into account that all kinetic
energy is converted into internal energy then:
To = T2
From:
pv = rT
we have
Po Vo = r T o
P2 v2 = r T 2
Then
v2/Vo = Po/P2 (1. 24)
Finally substituting ( 1.24 ) in ( 1.23 ) we get.
2 7+1
P2 _ P2 'Y Po
Po CPo ) P2 )
2 y+1
P4 _ P4 Y]2 J 2
Po C Pi
PO
Since
(1.23)
( 1.25 )
29
This formula gives a connection between the pressure ratios of the two
adjacent constructions.
To find the pressure ratio between the first and last construction ( the whole
seal ), we keep calculating the pressure ratios between every two adjacent
constructions, and the product of all pressure ratios found is the pressure
ratio of the entire seal.
1.1.5. Slip Factor:
The flow in an impeller is not completely guided by the vanes and
hence the effective fluid outlet angle does not equal the vane outlet angle.
And this is due to an acceleration force called the coriolis component of
the acceleration. This is defined as the acceleration due to the relative
motion of the particle superimposed
on the wheel's rotation. This acceleration is normal to the passage and has
a magnitude of (2 w co) [25,28].
To account for this deviation a factor known as slip factor is used to
correct the energy transfer calculated. The leaving angle f 2' is the gas
angle.
The slip factor is obtained by Stodola equation which is an equation
used in practical design prior to the advent of the more sophisticated
methods available now.
30
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Fig. 1.8. Flow through two adjacent constructions.
Fig. 1.9. Discharge velocity vector triangle showing the effect of slip.
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Returning to the velocity triangles, seen on the figure:
C2I
C2
02
02
Cu2
U2
: is the gas absolute velocity with slip,
: is the gas absolute velocity without slip,
: is the gas angle with slip,
: is the geometric vane exit angle,
and Cu2 tangential components of the absolute velocity
: is the impeller tip velocity.
The Stodola slip factor [15] is defined as :
Slip = U2 ( Sin 2 ) / nv
where:
nv : number of vanes in the impeller.
The slip factor is then:
SF = Cu2 / Cu2
Since:
CU2 = Cu2 - slip
Then
SF = ( Cu2 - slip )
(1.27)
32
U2SF = 1 - U 2
Cu2
i sin 2 )
l n V
(128)
1.1.5.1. Effect of slip factor on work input
The ideal work input coefficient is given by:
=i Cu2 / U2
The ideal work input to the stage is given by:
Hinid = ji U2 2
With the effect of slip factor the work input coefficient becomes:
{i = (Cu2 / U 2 )(SF).
And the total head input is:
Hin = CU22 = (Cu2/U 2 ) ( S F )U 2 = Cu2(SF)U 2 (1.29)
33
1.1.6. Reaction and its effect on efficiency:
Reaction is defined as the ratio of the static head converted in the
impeller to the total head produced by the stage.
R =(h 2 - h)/(h 0 4 - hoo)
where:
ho4 = is the total enthalpy at stage outlet.
Neglecting the stage inlet kinetic energy ( because it is small compared to
that at the impeller outlet ), the reaction becomes:
R = [(ho4 - hoo ) - C2 ]/(h 0 4 - hoo)
Using the velocity triangles and taking into account that:
(D = C/U where: D = flow coefficient.
R = (1 - 22 cosec 02 ) / 2 ( 1 - 2cot3 2 )
This reaction has an effect on the stage efficiency.
The isentropic efficiency is defined as ( see figure 1.9.A ):
Then
(1.30)
tlis= A H4 is / A H0 4
The rotor efficiency is defined as:
rlrot = A H2is / A H 4
The diffuser efficiency is defined as:
Tl = A h24 / (C 2 2 /2)
From figure (1.9A) we can write
A H4is = A h02 + ld C2 /2 -(1 - lrot ) AH04
Assuming the line P2 = constant and p4 = constant are parallel then
substtituting AH4 i in Ti s we get :
his = ( Ah0 2 / AH04 ) + ( Tid
Since:
C 2 /2 AH04 )
R = Aho2 / AH0 4
And from figure (1.9A)we get:
C2 2/ 2AH4 = ( AH04 - Ah2 )/ AH0 4 = ( 1 - R) (1.30g)
Substituting (1.30g) and (1.30f) into (1.30e) we get.
Tlis = R + TId(1 - R) - (1 - rlRot)
34
(1.30a)
(1 .30b)
(1.30c)
(1 .30d)
- (1 - lrot ) (1.30e)
(1.30f)
(1.31)
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Fig. 1.9A. Irreversible centrifugal compressor stage with small init and
outlet kinetic energy.
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1.2. Radial Flow Turbines
1.2.1. Introduction:
The radial flow turbine was conceived about 170 years ago for the
purpose of producing hydraulic power. Therefore it had a long history of
development .
The radial outflow type was the first radial turbine to be developed in 1830.
In 1847 Francis built the first radial inflow type of hydraulic turbine.
For best energy transfer it was found that the fluid should flow from a large
radius to a smaller radius. Thus the best form for the radial turbine for
compressible fluids would be that of an inward flow machine.
The majority of present day radial turbines both for compressible and
incompressible flows are inward flow types.
1.2.2. Outward Flow Radial Turbines:
In this type of turbines the fluid enters the rotor in an axial direction
and leaves it radially.
A flow path in reverse direction for a single stage turbine creates
several problems, one of which is low specific work.
Ljungstrom conceived an outward-flow radial steam turbine which was
found efficient and achieved a considerable reputation in Europe. This type
of turbines has alternate rows of blades rotating in opposite directions, each
driving a separate generator.
37
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1.2.3. Inward Flow Radial Turbines:
This type of machine has only become prominent recently, although
its concept is not new. It is largely used in gas turbine power generation for
small powers where its overall efficiency is better than the equivalent axial
machine and where simplicity is prime requisite.
The singal stage inward flow radial turbine is very similar in principal and in
appearance to the centrifugal compressor. Sometimes the inward flow
radial turbine is called a centripetal turbine.
The radial configuration appears fundamentally less attractive than
the axial when the resistance of material to the high temperatures is vital
criterion. It is suggested that, for this reason, its selection for gas turbines
cannot be justified from performance considerations alone, unless the
variable area nozzle feature is utilized, or the specific speed involved is very
low.
In connection with nozzles the inward flow radial turbines offer a distinct
possibility of using variable nozzle vanes, a feature which is mechanically
very difficult for the axial flow type of gas turbine. The use of variable
nozzles is that they offer such an advantage in independent control of flow
rate and energy transfer, a feature which is very desirable where a range of
operating conditions is found.
Among the main advantages of the inward flow radial turbines of small size
are:
39
1 - simple, rugged one piece rotor construction,
2 - cheaper manufacturing cost in comparison to the multi-blade
axial flow type,
3 - have relatively higher efficiency for small gas flows compared to
the axial flow type, for which very small aspect ratio blades may lead to a
high percentage secondary flow loss.
Centripetal turbine is well suited because of its ability to handle large
volume flows at high ( rpm ).
The inlet angle for the IFR turbine is a major factor as for the
centrifugal compressor the outlet angle is a major factor. The inlet vanes
can be forward-curved or backward-curved or radial. The backward- curves
allow the highest inlet whirl velocity and the forward-curved vanes allow the
lowest whirl velocity. In practice, radial vanes are largely used because of
stress considerations when used with hot gases, and because of
manufacturing simplicity.
1.2.4. CANTILEVER IFR TURBINE:
The cantilever turbine is aerodynamically similar to an axial impulse
turbine. Its design method is also similar to that of the axial impulse turbine.
40
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1.2.5. The 90 Degree IFR Turbine:
The 90 degree IFR turbine is the preffered type of radial turbines to be
used in gas turbine generation of small powers because of its higher
structural strength than that of the cantilever turbine.
This turbine is called 90 degree IFR because its rotor blades extend from a
radially inward inlet to an axial outlet .See figure (1.12).
As we defined previously, the rothalpy throughout the diffuser is constant
12 = 13
Therefore:
Since:
ho2 rel - 1/2 U22 = h0 3 rel - 1/2 U32
horel = h + 1/2w 2
(1.32 )
(1.33)
then
h2 - h3 = 1/2[(U 22 - U32 ) - (w22 - w32)] (1.34)
From velocity triangles we obtain :
h2 - h3 = 1/2 U22 [ ( 1 - cot 2 a2 ) + ( r3 / r2 )2 cot 2 03 ] (1.35)
Across the diffuser the total enthalpy is constant but the static enthalpy
increases as a result of the velocity diffusion, and hence,
42
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Fig. 1.12. Layout and velocity diagrams for a 90 deg IFR turbine at the
nominal design point.
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h4 - h3 = 1/2 (32 - C42 )
The specific work done by the fluid on the rotor is :
AW = 1/2 [ U22 - U3 2 ) - (W22 - W32 )+(C2 2 C3 )]
In turbomachinery design the temperature ratio is an important factor, it is
given by :
=1 U2 2
~/- 1) ' 2
1
[
r3 21 - cot2 cot2 3 
where :
a2 = (yRT)1/2
The total to static efficiency is given by :
l ts = (h0 1 - h03 )/(h0 1 - h3ss)
working this out we obtain :
(1.38)
(1.39)
Tits = [1 + {n T cosec2
T2nCOe 0a2 + r3 
(yR coseC2 3 + co t2 33
\r21
where T3 / T2 is given by equation ( 1.38 )
(1.36)
(1.37)
1-1 (1.40)
= 1 / N2 -
= C2 / C2S
= 1 /IR 2 -
= w3 / W3s
It was found experimentally that :
0.95 < VN < 0.97
0.75 < R < 0.85
where:
4N
4R
/N
'R
- Nozzle enthalpy loss coefficient,
= Rotor enthalpy loss coefficient,
= Nozzle velocity coefficient,
- Rotor velocity coefficient.
The pressure ratio through the turbine ( between nozzle inlet and
rotor outlet ) [16] is given by :
'- 1
Po1 ' Y
P03}
C3+ [3(y-1)M 3]
Co [1+ 2 (Y_1 ) M32]
(1.41)iC ' (CY- 1 )M2( 1 - ,It)
'/c)- r . 1,\ 4 l2-L ' 2 - )IV 3
Figure ( 2.4 ) [16] gives the variation of the pressure ratio as a function of
(C 3 /CO)2 formach numbers M3 = 1 and M3 = 0.7.
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1.2.6. Mnimum Number of Blades of a Radial Flow Turbine :
To avoid the phenomenon of reverse flow at the rotor tip, the criterion
of optimizing the number of rotor blades is used. The minimum number of
blades [14], Zmin, is given by:
Zmin = 2 tan a2
Figure ( 2.5 ) shows the variation of Zmin with a2 .
40
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Zin
min
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55 60 65 70
(1.42)
75 80
Flow angle from nozzle, a2
Fig. 1.14, Minimum blade number required to avoid flow reversal at rotor
entry.
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1.3. Axial Flow Compressors:
1.3.1. Introduction and Historic:
In the early 1880's there came an idea to Sir Charles Parsons to use
an axial turbine and reverse it to obtain an axial flow compressor, but it was
found that the efficiency was as low as 40% compared to that of the radial
flow compressor which was much higher than that. An efficiency of the
centrifugal compressor of 70 to 80% made them abandon the axial flow
compressor. the low efficiency of the axial flow compressor was caused by
the phenomenon of surge. It was until 1926 that any further development
on axial flow compressors was undertaken when A. Griffith outlined the
basic principles of his airfoil theory. After the use of this theory to the axial
flow compressor the efficiency rised to a high number, about 90% for low
pressure ratio stages. Axial flow machines are the most difficult type of
turbomachines to be designed. It is possible by very careful design to attain
higher performance than in the corresponding radial or mixed flow
machines, it requires only relatively small deviations from the optimum
conditions to reduce the performance disastrously.
1.3.2. Principal of Functioning of Axial Flow Compressors:
In the axial compressor work is done on the air through the medium of
the rotor. It is converted partly into pressure by reduction of the relative
velocity within the blade row, and partly into kinetic energy by an increase in
the absolute velocity. This latter quantity is converted into pressure by
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diffusion in the stator. The portion of the total energy input converted into
pressure in the rotor defines the " degree of reaction ". If the whole of the
energy input appears as kinetic energy, i.e. no pressure rise in the rotor, the
design is reffered to as 0% reaction which is the impulse type. If all the
pressure rise occurs in the rotor the design is said to be 100% reaction. In
practice, the 50% reaction type of axial machine is commonly used
because it simplifies the method of design of the machine and the velocity
triangle is symmetric.
1.4. Axial Flow Turbines:
1.4.1. Introduction and Historic:
For small powers radial turbines are widely used, but they are not so
suitable for the high temperature environment of a gas turbine engine. For
all but the lowest powers the axial flow turbine is more efficient . The axial
flow gas turbine is not new in concept, it only became of major importance
in the 20 th century, because its successful use had to wait for the
development of efficient compressors and of materials of high strength at
elevated temperatures. The axial flow turbine usually has only a few stages
where the axial flow compressor has many stages so that the phenomenon
of surge can be avoided , whereas the axial turbine does not have that
problem of surge.The design method of an axial turbine consists of
designing one stage and assuming that all its stages are symmetric, if the
turbine has more than one stage, one can generalize for the rest of the
stages.
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1.4.2. Principal of Functioning and Theoretical Analysis:
The principal of work of the axial turbine stage is that the gas entering
the row of the stator blades with a static pressure and temperature Pi , T1 ,
and a velocity C1 is expanded to P2, T2, and leaves with an increased
velocity C2 and at angle a2 . After being deflected, and usually further
expanded, in the rotor blade passages the gas leaves at p3, T3 , and
relative velocity w3 at angle 3 . Figure ( 1.15 ) shows the velocity triangles
at inlet and outlet of each blade row.
Assuming adiabatic flow, the work done on the rotor by unit mass of
fluid equals the stagnation enthalpy drop incurred by the fluid passing
through the stage.
AW = h01 - h03 - (1.43)
The most important factor in the design of turbomachinery is the efficiency.
Therefore we give the expressions of the different efficiencies.
The total to total efficiency is defined as:
tt = (Actual work output) / (ideal work output when operating to same back pressure)
tt = ( ho - h 3 )/(h01 - ho1 h03ss ) (1.44)
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i t = ( ho
tt
- h03)/(h01 - h3ss )
Nozzle row
C2
U3
Fig. 1.15. Axial turbine stage velocity diagram.
(1.44)
Rotor
row
U2
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For a normal stage :
C1 = C3
a1 = 3
Then we can write:
= (h1 - h3 )/[ (h - h3) + (h3 - h3 s) + (h3 s - h3ss) ]
h3s - h3ss = (T 3 /T 2 )(h 2 - h2 s)
h 2 - h2 s = 1/2 C2 N
h 3 - h3 = 1/2 W32 R.
Substituting the three latter equations into equation (1.45) we obtain :
-1
1
R W3 + N C2T
11t =1 + 2(h, - h3)
The total to static efficiency is defined as :
(1.50)1 ts = (h0 - h0 3 )/ (h0 1 - h3ss )
tt
Since:
(1.45)
(1.46)
(1.47)
(1.48)
(1.49)
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Working equ. (1.50) out and using (1.47) and (1.48) we get :
1 ts = [1 + { R 32 + N C22 (T3 / T2 ) + C1 2 / 2 (h1 - h3)] - 1
Axial flow turbines can be classified using the degree of
defined as the ratio of static enthalpy drop in the rotor to
drop in the stage .
reaction, which is
the static enthalpy
R = (h2 - h3 )/(h 1 - h3 ) (1.52)
Using velocity triangles the expression of the reaction becomes:
R = 1 + AW/2U 2 - Cy2 /U
The effect of the degree of reaction on the total to total efficiency is not large.
I tt is decreased when the stage loading factor is increased . Therefore for a
high total to total efficiency it is necessary to use the highest possible blade
speed consistent with blade stress limitation, in other words reduce the
loading coefficient . The effect of the degree of reaction on the total to static
efficiency for different values of the blade loading coefficient AW / U2 is
illustrated by the figure bellow.
its is expressed as a function of the degree of reaction:
11 = [1 + 2 1 +tan2 a3 )/4(tanax 3+1 -R)]- 1
(1.51)
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CHAPTER 2
PROBLEM FORMULATION
2.1. A 2 to 15 kwe power generation system
A 10 kwe net output radial outflow compressor was investigated and
designed by NASA Lewis Research Center. This system was designed to
develop a wide range of power from 2 to 15 kwe.
The research consists of a 4.25 IN diameter compressor wheel and shaft
mounted on bearings and the associated mounting hardware. Fig.(2.1)
shows the scheme of the brayton rotating unit compressor wheel.
The compressor design conditions resulting from the analysis are as follows
The system uses He-Xe mixture at equivalent molecular weight of
83.9 as working fluid. The compressor inlet pressure and temperature are,
13.5 psia and 80 0 F . The pressure ratio is 1.90. AT the low power level
(2 kwe ) the pressure is high enough to provide satisfactory bearing
operation . At the high level ( 15 kwe ), the pressure is not so high to in
large alternator windage losses.
The rotational speed is restricted to that which would produce a multiple of
400 Hz from the four pole alternator to minimize the windage losses in the
alternator. It is also chosen for maximum efficiency. It is clearly seen on
fig. ( 2.2 ) that the maximum efficiency is at a rotational speed of 36,000 rpm.
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The compressor efficiency at scroll exit was about 0.80 which is a good
efficiency for such a small machine where clearance loss is a major
problem.
For the turbine, the radial inflow type was selected. It was found that
this type of turbine offers better design conditions than those of the axial type
turbine.
Again, the working fluid is a mixture of He-Xe at equivalent molecular
weight of 83.9 at weight flow of 0.34 kg / sec.
The turbine total to total pressure ratio is 1.74, its specific speed was
calculated based on the given conditions :
Maximum cycle temperature Tma = 1150 k
Specific heat Cp = 0.248 kJ / kg.Ok
Actual specific work Ah = 50.404 kJ / kg
Turbine temperature ratio: : t = 0.822
The specific speed is: Ns = 76.20
The size of the turbine is illustrated in figure (2 . 3 ).
At turbine inlet temperature of 1150 Ok and power output of 10.5
kwe, the total turbine efficiency was 0.8858. The radial inflow turbine
designed for the 10 kwe output power offers the system an overall
efficiency of the order of 0.30 and can work at an output power up to 15
kwe. The variation of efficiency with net output power is shown on figure
(2.4). If we compare this efficiency to that of the two-stage-axial turbine
whose efficiency was 0.847 [39] designed for a Brayton rotating unit , we
will notice clearly why radial type turbine was chosen.
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Fig. 2.4. Variation of efficiency with the net output power.
A two - stage axial turbine was also designed to drive an alternator
for a 10 kw shaft output space power system. The stage total efficiency was
0.847 and the two - stage total efficiency was 0.850 which is based on
total efficiencies of 0. 847 for first and second stages. The turbine overall
efficiency was 0.843. All these efficiency values were obtained at design
point. Comparing the two efficiencies of the two turbines, we will find clearly
that the radial turbine efficiency is 4.3 % higher than that of the two-stage
axial turbine designed; Therefore the radial turbine the best suited for this
range of power.
2.2. A 15 to 80 kwe power generation system:
The ability of a closed Brayton cycle power generation system to
operate with good performance over a range of power levels and cycle
conditions permits a single developed system to be used for a variety of
applications and missions.
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The missions may need to operate at different power levels and may require
selection of different cycle operating conditions. A 15 to 80 kwe reactor
Brayton power system is developed by NASA - Lewis, the system operates
at a maximum cycle temperature ( turbine inlet temperature ) of the order of
1150 OK . The turbine inlet temperature is a very important parameter, the
higher the temperature is, the higher the system efficiency is. It is also very
important for the specific radiator area which reduces the weight of the
whole system. It is very clear on the figure below that the higher the
maximum cycle temperature is, the lower the specific radiator area is.
The compressor pressure ratio was 1.80 and the turbine pressure
ratio was 1.73.
This power generation system used a centrifugal compressor and radial
turbine because of their high efficiencies and low energy losses compared
to the axial type machines, and because of their manufacturing simplicity
and compactness.
The compressor efficiency at design point was 0.83 and the turbine
efficiency was 0.90.
The system used He-Xe mixture as a cycle working fluid at
equivalent molecular weight of 83.9. It is to be noticed that the higher the
equivalent molecular weight is the lower the number of turbine stages is.
Figure ( 2-6 ) below explains that increasing the working fluid equivalent
weight decreases the number of stages to less than one stage.
With working fluid equivalent weight of 83.9 , a turbine turning at 36,000
rpm would have less stress than that of the same type of turbine but having a
working fluid of equivalent molecular weight 40.
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The system has an overall efficiency depending on the power level at which
it is working . It is low for low output powers and increases for increasing
power output.
.18t^ X 'z1 . 18W
%^- .16
C.S W
I'd I I I I
. 0 20 40 60 0
NET POWER, kW e
Fig. 2.6.Variation of overall efficiency with net power.
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2.3. Design of a 160 kwe power generation system:
Component analyses were performed for both axial and centrifugal
compressors, and comparison between the two configurations was made.
A notation was given to the type of machine designed. The first two
digits denote the rotational speed in kilorpm, the third digit refers to the type
of compressor, A denotes the axial configuration, R denotes the radial
configuration, G means that the system has gas bearings, and M means
that the system uses mist-lubricated ball bearing. For all configurations the
working fluid is a mixture of He-Xe of equivalent molecular weight 83.9.
The 24 RG is a radial compressor turning on gas bearings at
rotational speed of 24,000 rpm. The gas enters the compressor at 240
OF and 55 psia and leaves it at 500 OF and 105 psia. The inlet and the
exit tip diameters are 7.25 and 10.36 IN respectively. The total
efficiency at 160 kwe is 0.862 and at 40 kwe the total efficiency is
0.860.
The compressor wheel alone weighs 10 pounds, and the total rotor
( including the compressor, the alternator rotor, the turbine, and the
subshafts ) weighs 152 pounds.
The 24 AG configuration is an axial compressor of 7 stages turning at
a rotational speed of 24,000 rpm on gas bearings. The compressor has a
total efficiency of 0.866 at full power ( design point ) and 0.837 at 40 kwe
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which is much lower than that of the corresponding radial compressor. Its
inlet tip diameter is 6.67 IN and it weighs 20 lbs. The total rotor weighs
165 pounds.
The 36 AM configuration is an axial compressor turning at a
rotational speed of 36,000 rpm on mist-lubricated ball bearings. The
compressor has a total efficiency 0.862 at 160 kwe and 0.840 at 40 kwe.
The compressor eight is 6 Ilbs and the total rotor weighs 119 pounds.
The 36 RM configuration is centrifugal compressor turning at
rotational speed 36,000 rpm on mist-lubricated ball bearings. The
compressor weighs only 2 pounds. and the total rotor weight is only 112
pounds. The compressor efficiency at design point is 0.862 and at 40 kwe
power it is 0.860 which is higher than that of the corresponding axial
compressor. This configuration has the lowest weight compared to all the
previous configurations.
From a comparison of the mechanical designs it is concluded in
reference [19] that the 24 RG , which is a radial compressor turning at a
rotational speed of 24,000 rpm on gas bearings , with radial inflow turbine
provides the most suitable unit for the design conditions.
The Lundell alternator [41] was chosen for this turbo-alternator-compressor
system. This type of alternator runs at high speeds up to 36,000 rpm. Its
principle of design consists of two concentric cylinders.
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At high speeds the windage losses in the alternator become high and result
in significant heating of the electric generator. The windage losses in watts
are given by the expression:
W = Tco
Where:
co = U/R = 2N
T : is the torque due to viscous drag defined as
T=FR
Where:
F: is the frictional force given by:
F = (2iRL)/[1/2 pU 2 3
hX: is the drag coefficient given by the expression:
X = T/(p co 2 R4L)
with
T : the measured torque.
At rotational
24,000 rpm
Figure (2.7)
speed.
speed of 36,000 rpm the windage losses are 4.7 kw, and at
they are only 1.5 kw , which is much lower than the first one.
below shows the windage losses plotted vs. the rotational
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For all configurations the turbine was chosen radial because it is still
better than the axial type at this level of power. The turbine weighs only 8
pounds for a 36,000 rpm, and 25 pounds for the 24,000 rpm
configuration. Its efficiency was very high, It was 0.916 at design point [19].
The system overall efficiency is 28.4 % at. 160 kwe and 24.7 % at
40 kwe for a turbine inlet temperature of 1600 OF.
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2.4. Specific Speed:
24.1. Similarity Relations and Design Criteria of Turbines:
Similarity considerations show that two characteristic velocity ratios
are needed to describe the characteristics of turbomachines. These velocity
ratios can either be the flow factor and turbine-velocity ratio or equivalent
values. Parameters which contain the rotational speed and rotor diameter
would be desirable terms for equivalent values. These values are provided
in the form of specific speed Ns and specific diameter Ds .
Specific speed Ns is a parameter of great importance in selecting
the type of machine required for a given duty. This parameter is found
proportional to the volume flow rate Q, the rotational speed N and the
head H. Since for a given turbine the power and the rotational speed are
normally specified, then it becomes of good use to consider this parameter
which is sometimes called the shape number.
This parameter represents the rotational speed of a turbine, handles a
volume flow of unity and expands a head of unity. Another important
parameter in the selection of the type of machines required for a given duty
is the specific diameter Ds .
H: Is the head.
h: Is the enthalpy
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where:
g H = h=CpTtmax (1 - ) (2.1 .a)
Q3 : is the volume flow rate at the rotor exit.
The specific diameter It is defined as the diameter of a turbine which handles
a volume flow Q3 of unity at exit and expands a head of unity.
Ns and Ds are obtained as follows:
The volume flow Q3 is proportional to the velocity and the area of passage.
The area is proportional to ( D2 ). The velocity is proportional to o (angular
velocity) and the diameter is proportional to N (rotational speed). Then:
Q3 a ND3 (2.1 .b)
H is proportional to the square of the velocity which is proportional to ND.
Then :
H a N2D2. (2.1 .c)
Taking a standard turbine we get :
Q3 a Ns Ds3
Hs a Ns2Ds2
(2.1 .d)
(2.1 .e)
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Q3 / Q3-s = ND/NsDs
H/H s = N2D2 / Ns2 Ds2
Solving equations (2.1.f) and (2.1.g) for:
Hs =Q3-s = 1
we get:
Ns = N 031/2/ H3/4
where,
Ds = D H1/4/ Q31/2
The dimensionless specific speed
follows:
and specific diameter are defined as
n = Q31/2 o/ (g.H )3/4 (2.3.a)
co = R N/30
ds = D (g.H )1/4 / Q31/2
The enthalpy transformed into rotative power ( HR ) is given by :
FuHR=
m
Where F is the force exerted by the velocity vectors on the rotor.
(2.3.b)
F = m (Cu- 2 + Cu- 3 )
(2.1 .f)
(2.1 .g)
(2.1)
(2.2)
(2.4)
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Cu denotes the peripheral Component of the absolute velocity while 2 and 3
denote the inlet and the outlet of the rotor, respectively.
CU-2 and Cu-3 can be expressed by:
C - 2 = C2 COS 2 = N 1 - RC. CO s a2 (2.5)
where:
R : The degree of reaction
C O : The spouting velocity ( the velocity obtained when the total
turbine pressure ratio is ideally expanded into Kinetic Energy ).
fN : The velocity coefficient of the nozzle. It expresses the ratio of the
actual velocity and the theoretical velocity. The theoretical velocity refers to
the velocity which would be obtained when no losses have to be considered
in the flow passage.
Considering this velocity coefficient in our calculations means that we
consider the losses that occur in the flow passages in the nozzle.
Experimental investigations show that the nozzle velocity coefficient can for
most cases be considered constant and takes the numerical value.
N = 0.96
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The rotor outlet peripheral velocity can be expressed by:
Cu_3 = Wu.3 - u (2.6)
Cu 3 = Co VR COS3 R + (1-P)WN - 2Ncosx (1-R) + u
VR: denotes the velocity coefficient in the rotor. It also takes into
account all the losses that can occur in the rotor, the following expression
gives this coefficient:
|R 4 cota 2 NDDs 1-2 + 2
R 30 4620 fN sin 2
0.24 cosl32
xl 1-
D
These two coefficients are considered in the determination of the efficiency
of both axial and radial turbines. The efficiencies were obtained as functions
of the specific speed Ns and the specific diameter Ds.
Reference [ 31] gives plots of Ns -Ds diagrams which were used here to plot
the efficiencies of the radial and axial turbines verses specific speed Ns.
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CHAPTER 3
Discussion of Results
3.1. Turbine Weight:
In addition to the turbo-alternator-compressor efficiency, the weight is
a very important parameter for space power generation systems. In
reference [46] an empirical model was formulated. This model gives the
specific weight, which is the weight of the engine per kilowatt. This empirical
expression is given as follows:
Ft = 1.7844 ( Ps )-0.292 ( 0.985 )Y (3.3)
Where:
Ft : is the specific weight in ( kg/kw )
Ps: is the shaft power required (kw)
AY: is the years from 1958.
Since the maximum power in this thesis is 1Mw, one can calculate the
specific weight and consequently the weight of the whole engine. The
numerical application of (3.3) gives for ( Ps = 1000 kw ) a specific weight.
Ft = 0.1759 kg/kw
and the total weight is:
We = 175.9 kg.
If this weight is compared to that of the radiator and the nuclear reactor or the
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solar collector and the other accessories, it will be found negligible.
Therefore for space power generation systems, the weight of the turbo-
alternator-compressor is not as important as its efficiency. Hence the curve
of merit of these low power generation systems is the efficiency. For this
reason it was the only parameter investigated in details in this subject.
3.2. Discussion and interpretation of the efficiency results:
Figure (2.10) was obtained by considering the maximum efficiency for
the different specific speeds using the Ns-Ds diagrams. For specific speeds
less than 50, the efficiency of both axial and radial turbines are low. For the
radial turbines, as the specific speed gets lower, the specific diameter gets
higher. We saw in equation (2.2) that the specific diameter was directly
proportional to the rotor diameter. Increasing the disk diameter increases
the disk friction losses, which cause the efficiency to drop to low values. For
specific speeds between 50 and 90 the radial turbine efficiency is
maximal, but it starts decreasing after Ns = 90, which makes Ns = 90 a
higher limit for the radial turbines.
Concerning the axial turbines, the efficiency is low for specific speeds
less than 90. At this range of specific speed the power output is less than
300 kw, which will be seen later, and the size of the turbine is very small
which leads to a very small size of turbine blades. The construction of small
turbine blades is very difficult; therefore the cost of the turbine gets very high
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compared to that of a radial turbine. Another reason is that at small turbine
sizes the clearance losses are very high, which lead to lower efficiencies
and consequently the space power generation system gets heavier.
For specific speeds larger than 90, the radial turbine efficiency is much
lower than that of the axial turbine. The axial turbine has maximum
efficiencies for specific speeds greater than 90.
The specific speed was defined in the previous chapter as function of
the volume flow, the rotational speed, and the head. In this chapter we give
another definition to the specific speed. Balje, in reference [ 31 ], defined the
specific speed as function of the rotational speed, the head, and the net
power output as follows:
Ns = N / (3.1)5t p T(3.1)
Where:
,l: the turbine efficiency
p: the working fluid density
P : the net output power.
Sometimes the power is given in horsepower. Therefore we express
the specific speed as function of the horsepower.
Since
1 HP = 745.7 watts
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where:
HP: is the horsepower.
Then,
N 745.7 HPNs= (3.2)
HZ
For given parameters of a turbine cycle, one can calculate the specific
work ( gH ) of the given turbine. For a certain power level and rotational
speed the specific speed can be calculated using equation (3.1) or equation
(3.2). Returning to figure (2.10) obtained previously, the efficiencies of both
radial and axial turbines can be read directly for the calculated Ns.
Comparing the two efficiencies obtained , one can decide which turbine to
choose.
Since the power output is directly related to the specific speed, it is a
good idea to plot the specific speed verses the net power output.
Some data are taken from reference [19].
The turbine inlet temperature is Ttmax = 1422 Ok,
the compressor pressure ratio is c = 2,
The results are tabulated on table 3.1
The specific speed is plotted on figure (3.1.a) as function of the power
output. To keep the specific speed greater than 60, we plotted it for different
values of rotational speed. For power output between 1 kw and 20 kw, the
rotational speed was taken 36000 rpm and the gas molecular weight was
M=83.8. For power output between 20 kw and 50 kw, the rotational speed
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was N=24000 rpm and the gas molecular weight M=83.8. For power output
between 50 kw and 140 kw, the rotational speed was N=36000 rpm and
M=40. For P > 150 kw, N=24000 rpm and M=40.
We saw on figure (2.10) that the radial turbines are more efficient than
the axial turbines for specific speeds between 40 and 90.
Figure (3.1.a) shows that the specific speed reaches the value of 90 for
power output P = 300 kw. Therefore one can conclude that the radial
turbines are more efficient for power output between 1 kw and 300 kw. This
is due to the fact that for turbine power less than 300 kw, the size of the axial
turbine is small and the rotor diameter is very small, which leads to very
small turbine blades. At this size the ratio of the clearance to the rotor
diameter is relatively big, and consequently the clearance losses are pretty
high. For power output greater than 300 kw the size of the axial turbine
rotor becomes relatively big and the size of blades becomes big enough to
be constructed, and the manufacturing cost becomes acceptable. As the
output power increases the rotor diameter increases and the relative
clearance gets smaller and consequently the clearance losses get smaller,
which leads to a higher turbine efficiency.
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3.3. Application of the specific speed concept to Brayton and Rankine cycles:
3.3.1. Rankine cycle:
Rankine cycle systems use vapor as working fluid. On earth most
Rankine-cycle power plants use water as working fluid and operate
successfully. For space use, the most suitable fluids that can work at high
temperatures are the alkali metals. Figure (3.1) shows the principle of work
of the Rankine cycle.
The fluid is pumped back to the turbine by a pump which requires a
small power to do such a work. Therefore the power that drives the pump is
always considered negligible, and the power output is almost equal to the
turbine power.
The specific speed is given by:
N 745.7 HP
Ns= -. HP (3.3.1)
HZ
3.3.2. Brayton cycle:
Brayton cycle is a conventional closed gas turbine. In this type of
cycles a compression is followed by heating at approximately constant
pressure, first in the recuperator and finally in the heat source, where the gas
is heated to the turbine inlet temperature. The gas is expanded through the
turbine and is cooled along at an approximately constant pressure, first in
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the recuperator and than in the heat waste radiator. The cycle is completed
when the cooled gas enters the compressor.
The power developed by the turbine is divided into three parts. one
part is the power lost, the second part is the power that drives the
compressor, and the third part is the power output.
The compressor power is given by:
Pc = m Cp ATc (3.3.2)
The turbine power is:
Pt = Pc + Pout (3.3.3)
Taking the power lost into consideration the turbine specific speed becomes:
NNst -
H5/4
m Cp AT + Pout
liP
(3.3.4)
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Fig. 3.1. Principle of work of Rankine cycle.
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3.4. Optimization of the rotational speed N:
We defined previously that the specific turbine enthalpy was defined
as:
H = Cp AT (3.3)
We also defined Ns as function of the output power in equation (3.1).
The gas density is defined as function of the cycle parameters as:
P = P3/ R T3 (3.4)
Where:
R: is the gas constant, ( J / kgk )
Substituting (3.3) and (3.4) into (3.2) and for a given value of the turbine
efficiency l, the specific speed becomes:
N 745.7 HP. R. T 3
Ns 1P3(3.5)
( Cp AT )5/4 / P3
For known power and turbine cycle parameters and for given rotational
speed the specific speed can be calculated from the expression (3.5). From
figure (2.10) the efficiency can be read for both types of turbines. With a
comparison of the two efficiencies read, the type of turbine that has higher
efficiency will be chosen for the system. After that we refer to figure (2.8) or
(2.9) depending on the type of the turbine chosen. For either figures one can
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read the specific diameter for Ns and q found.
Using equations (2.2) and (3.3) and with the fact that:
Q 
P
an expression of the rotor diameter can be given by:
Ds m/pD = (3.6)
( Cp AT )1/4
The tangential speed of the rotor is given by:
U=iDN/60
This peripheral velocity cannot go beyond a certain limit for material
resistance reason. As an example, for a certain material the peripheral
speed is limited to:
U < 427 m /sec.
Therefore,
D N < 25620 (3.7)
If equation (3.7) is not satisfied, either a smaller value of the rotational speed
or a smaller specific diameter will be chosen, until ( 3.7 ) is satisfied. But for
constant Ns the latter choice will be at the expense of the turbine efficiency.
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3.5. Compressors Selection:
The efficiency of the compressor is a function of the specific speed
and specific diameter. The procedure of obtaining compressors Ns-Ds
diagrams is similar to that of the turbines. In these diagrams the lines of
constant efficiencies are given as function of the specific diameter and the
specific speed. Figure (3.2) is a combination of the diagrams of the radial,
mixed flow and axial flow compressors. The dashed lines on the figure are
the lines of constant efficiencies of the pumps.
On figure (3.3) it is clearly shown that the maximum radial compressor
efficiency is obtained at specific speeds of 90 to 130, and specific
diameters of 1.3 to 1.7.
The reason for limiting the range of specific speed for radial compressors to
a lower limit of 90 is that the maximum efficiency decreases while
decreasing the specific speed to values less than 90. The decrease of the
efficiency is due to the fact that the hydraulic diameter of the impeller exit
area is affected by the density change of the gas occurring in the impeller.
The tendency is to decrease the impeller - discharge width with increasing
design pressure ratio in order to obtain favorable velocity vectors. This
usually causes the hydraulic diameter to decrease, and consequently the
losses to increase with increasing pressure ratios. Another reason for
limiting the specific speed is that the low specific speed compressors have
relatively large disks which cause higher wheel-disk friction losses.
For specific speeds between 130 and 300 the mixed flow compressors
have the highest efficiency. For specific speeds higher than 300 the most
efficient types of compressors are the axial flow ones.
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Fig.3.3. Ns Ds-diagram for radial compressors.
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It was seen in chapter 2 that at power output of 160 kwe the radial
and axial compressors were equal. Therefore for power output less or equal
to 160 kwe, the radial compressors are the most efficient compressors. For
power output larger than 160 kwe the mixed flow and axial compressors are
more efficient than the radial ones.
3.6. Matching of the turbo-compressor unit:
The problem that the designers face is how to match the compressor
with the turbine. Since the turbine and the compressor have the same
weight flow for a closed cycle and their pressure ratios are interrelated, then
there is a relationship between the compressor and the turbine specific
speeds. For a single spool arrangement where the compressor and the
turbine are directly interrelated, the ratio of their specific speeds is given by:
1 3
Ns- T l . Yt fN (T- 1 y. (Y ) 1- (3.8)
Where:
Yt : is the turbine pressure ratio coefficient given by:
Yt,=I (l Pi (3.9)
Yc: is the compressor pressure ratio coefficient.
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Equation (3.8) is plotted as function of the pressure ratio for ( Tit / T1c = 3 )
and ( Tit / T1c = 4 ). This variation is shown on figure (3.4).
Where ( Tit / Tic ) is the ratio of the turbine inlet temperature to the
compressor inlet temperature.
For known pressure ratio and temperature ratio one can refer to figure (3.3)
and determine the specific speed ratio. On figure (3.3) the lowest ratio of
specific speeds is 1. Therefore one can conclude that the compressor
specific speed is always greater than the turbine specific speed.
Ns-c
Ns-t
1.3
1.2
1.1
I
A
1
L
T1-T
.=4
Ti-i
I II
2 3 4 5 6 7
( P3 / P1 ) compressor
Fig. 3.4. Interrelation of specific speeds for single-spool gas turbines.
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CHAPTER 4
Conclusion
The goal of this study was to make a comparison between the different
types of turbines and compressors in terms of efficiency. The efficiency is
proportional to the specific speed and specific diameter which are very
important parameters in the design of turbomachinery.
A theoretical analysis for the different types of compressors and turbines
was made first followed by some examples of turbo-compressor designs. The
first example was the design of a 10 kwe turbo-compressor package designed
by NASA, references [ 10, 11 ]. It was found that the radial compressor and the
radial turbine were more efficient than the axial ones. After that a 15 kwe to
80kwe power generation system was investigated and the radial configuration
for both the compressor and the turbine was chosen because of its high
efficiency compared to that of the axial configuration. Finally a 160 kwe power
generation system was investigated. The design was made by NASA reference
[19]. It was found that the radial compressor and the axial compressor have the
same efficiencies, and for cost reason, the radial configuration was chosen. The
radial turbines were found more efficient than the axial turbines.
There are two important parameters for the design of turbomachinery for
space power generation use. Those parameters are the weight and the
efficiency of the turbo-alternator-compressor unit. An empirical model for the
weight was formulated in reference [46]. The weight of a 1000 kwe turbo-
compressor unit was 176 kg. If one compares this weight to that of the solar
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collector and the heat exchangers, he would find it negligible. Therefore only
the efficiency was taken as a curve of merit in this subject.
The maximum efficiency of the radial and axial turbines was plotted as a
function of the specific speed using the NsDs-diagrams. Figure (2.10) shows
that the radial turbines are more efficient than the axial turbines for specific
speeds less than 90 and have maximum efficiency for specific speeds between
50 and 90. The axial turbines are more efficient than the radial turbines for
specific speeds greater than 90.
The specific speed was also defined as a function of the net power output
and was plotted for powers from 0 kw to 1 Mw. For power output of 300 kw the
specific speed reaches the value of 90 which is the higher limit of specific
speed for the radial turbines. For powers greater than 300 kw the specific speed
is greater than 90. This implies that for power less than 300 kw the radial
turbines are more efficient than the axial ones.
Finally NsDs-diagrams were used to determine the best types of
compressors in terms of efficiency. For specific speeds between 90 and 130 the
radial compressors are the most efficient ones. For specific speeds between
130 and 300 the mixed flow compressors are better than the others. For specific
speeds greater than 300 the axial compressors are the most efficient types of
compressors. The experimental data showed that the radial compressors
remain more efficient than the other types as long as the net power output
remains less than 160 kw. For net power output greater than this value the
mixed flow and axial compressors are more efficient than the radial
compressors.
As a final conclusion we set the following tables to summarize the results.
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Power range Type of compressor Type of turbine
1 kw to 160 kw Radial Radial
160 kw to 300 kw MRadial
or axial
300kw to 1000kw Axial Axial
Specific speed range Type of turbine
0 to 40 X
40 to 90 Radial turbine
> 90 Axial turbine
Specific speed range Type of compressor
90 to 130 Radial
130 to 300 Mixed flow
> 300 Axial
Table 3.1. Summary of results
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Working fluid characteristics.
He-Xe Molecular 83.8 60 40
Weight
Cp (J / Kg K) 248.2 346.67 520.0
h ( kJ/kg ) 63.705 88.975 133.463
Table 3.2.
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